For the ring/liner conjunction, well-designed surface texturing has been regarded as a potential means to improve its tribological performance, as well as the application of coating. However, so far most researchers focused on the one of these aspects. In this study, the combined effect of coating and texturing on the performance of ring/liner conjunction is numerically investigated. A thermal mixed lubrication model is presented. The effects of the coating's thermal and mechanical properties on the tribological performance are studied under the cold and warm engine operating conditions. Along with the increasing coating thickness, the effects of the coating's thermal properties on friction loss are found to be significant, as well as the effects of the coating's mechanical properties. It is also found that a soft coating with a lower thermal inertia has a greater ability to reduce the friction loss of the textured conjunction. Friction 6(4): 420-431 (2018) 421 |www.Springer.com/journal/40544 | Friction
Introduction
In recent decades, benefits of surface texturing and coating technology are being explored by the researchers across the globe. On the one hand, surface texturing is regarded as a viable means in the reduction of the friction and wear for different tribological systems [1] . One of the evidences for this is the successful commercial application of surface texturing on the cylinder liners of combustion engines [2] . The development and effect of surface texturing in general applications have been summarized in a lot of review papers [3−7] . It is considered that the introduction of surface texturing can expand the behavior under the hydrodynamic lubrication regime instead of the mixed or boundary lubrication regimes [5, 6, 8] . On the other hand, surface coating has been used to protect contacting surfaces for a long time [9] . The coatings with the friction reduction and anti-wear properties are widely used in the different mechanical systems. In fact, the addition of coatings was first used in the case of solid-to-solid dry contacts. Over the last few decades, the use of surface coatings has also extended to the case of lubricated contacts [9−11] . It is known that a carefully selected surface coating with the appropriate mechanical and thermal properties can be used to reduce the severity of the contact.
In terms of the ring/liner conjunction, surface texturing has been regarded as a potential means to improve its tribological performance, as well as the application of coating. However, so far most researchers focused on the one of these aspects. In this study, in order to study the combined effect of the coating and texturing on the performance of ring/liner conjunction, a thermal mixed lubrication model is presented. Two kinds of texturing cases are studied, in which the textures are simulated on the ring surface and the liner surface, respectively. Benefit from the presented model, the effects of the coating's thermal and mechanical properties on lubrication performance of the textured conjunction would be studied under the cold and warm engine operating conditions. The effect of coating's thickness would be also discussed.
Model description
In this section, the numerical model for the coated and textured contacts developed in this work is described in detail. The established model is based on the thermal mixed lubrication model introduced in the author's another article [12] for the uncoated ring/liner contacts. In brief, the corresponding numerical model for the coated and textured contacts can be split into several parts: the hydrodynamic lubrication part describing the hydrodynamic flow of the lubricant into the contact, the mechanical interaction considering the asperity contact, and the thermal part describing heat transfer between the lubricant film and the solids (contains ring, liner, and coating).
Hydrodynamic cavitation model
The overview of the coated and textured ring/liner conjunction is displayed in Fig. 1 . As shown in Fig. 1 , a layer of coating is added to the surface of ring. As for the coating, it is assumed to be bonded to the substrate (piston ring). The cross-section of the coated and textured piston ring can be considered as a slider moving over a plane supported by the oil film. It is because that the oil-film thickness is much smaller Fig. 1 The overview of the coated and textured ring/liner conjunctions, including untextured system, textured ring system, and textured liner system. than the cylinder diameter. In addition, it is noteworthy that treating the lubrication of the piston ring as a one-dimensional problem is based on the assumption that the ring is perfectly conforming in the circumferential direction.
For the ring/liner conjunction, the hydrodynamic pressures develop within the lubricant layer between the ring and liner. The source for the hydrodynamic pressure generation is the clearance. Before describing the adopted hydrodynamic cavitation model, the clearance between the ring and the liner should be well characterized. Generally, the clearance, described by oil film thickness, for the conventional ring/liner conjunction can be expressed as follows:
where c is the ring crown height, b represents the ring axial width, and 0 h denotes the minimum oil film thickness. Moreover, ( ) x  is the deflection induced by elastic deformation of the substrate. The calculation of ( ) x  can be obtained according to the previous works [13, 14] .
When the piston ring (coated or uncoated) is textured, the corresponding expression is changed as:
where p h represents the texture depth, p r is the radius of texture,  denotes the area occupied by the textures. It is noteworthy that the terms x and  x in the above equations are different in the Cartesian coordinates. The detailed description about x and  x can be found in the work of Gu et al. [15] .
Different from the expression for the textured ring, the film thickness of the textured liner can be described as [1, 16] :
where U is the sliding speed. Moreover, the prediction of the hydrodynamic pressure of the ring/liner conjunction can be carried out by the well-known JFO (Jacobsson-Floberg-Olsson) model [17, 18] coupled with a number of correction factors. According to the basic idea of the JFO model,
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The involved correction factors are called the flow factors and defined by Patir and Cheng [19] . The corresponding equations can be given as follows:
where  is the lubricant viscosity,  symbolizes the lubricant density, p denotes the hydrodynamic pressure, and  represents the cavity fraction. It is noteworthy that the cavity fraction  is related to the cavitation. The term  is influenced by the hydrodynamic pressure p. If there is no cavitation then the fraction is zero ( 0   ) and the pressure is greater than the cavitation pressure ( [19, 20] .
 is the composite roughness for the ring and the liner, which can be calculated by the expression
In this expression, R  and L  are the roughness of the ring and the roughness of the liner, respectively. It should be mentioned that the application of constraint described in Eq. (5) could turn the hydrodynamic model into the unconstrained system of nonlinear algebraic equations. The involved calculation can benefit from a direct solver using the Fischer-Burmeister-Newton-Schur approach [21] . The lubricant rheology, involving its density and viscosity, influences the lubrication regimes. Based on the equation reported by Vogel [22] as well as the Roelands equation [23] , the lubricant viscosity can be calculated by:
where T is the lubricant temperature ( whose unit is K). Meanwhile, 0 a , 1 T , 2 T , and 0 b are the corresponding correlation parameters. 0 b is usually considered to around 0.68. In this way, the influence of pressure and temperature on lubricant viscosity can be obtained.
In the other hand, the influence of pressure and temperature on the lubricant density can be characterized as [12, 24] :
where 0  is the lubricant density under the atmospheric pressure and the temperature of 0 T . T  is the thermal expansion coefficient. The detailed lubricant properties are given in Table 1 .
Asperity contact model
In this work, the asperity contact force is obtained by the classic GT (Greenwood and Tripp) model [25] :
where  is the Stribeck oil film ratio, which is the ratio of the mean film thickness h to the composite roughness ;  is known as the Tabor's roughness parameter, while, /   is a measure of a typical asperity slope [26] . E is the composite effective elasticity modulus:
where 1 E and 2 E are the elastic modulus of the slider and the plane, respectively; 1  and 2  are the Poisson's  is the standardized height distribution. The asperity contact model is linked with the hydrodynamic model based on the load-sharing concept [27] .
It is interesting to notice that two different regions are present in the rough textured surfaces. One is the untextured region. The texture features are not included in this region. Another is the textured region. It includes the texture features. Both the untextured region and the textured region are rough. In fact, when the textures are introduced, the roughness in the center and near the textures may be influenced. However, because the clearance (between two contact surfaces) in the textured region is usually more than four times the composite roughness ( 4   ), the roughness in the textured region would cause a limited or negligible effect on the lubricant flow. Therefore, according to the works of Patir and Cheng [19] , the roughness in the textured region of the rough textured surfaces is not important. Similarly, the asperity contact happened in the textured region is also limited or negligible for the presence of the large clearance [25] . For simplification purpose, it is assumed that the involved asperities of the untextured region obey the Gaussian distribution. Meanwhile, the surface roughness of the untextured region is assumed to characterize the rough textured surface. In this study, the value of Rq is obtained based on the untextured region, which is used for calculating the composite roughness  as well as the Stribeck oil film ratio  .
Thermal model
The thermal part is based on the heat transfer equation applied to the lubricant and contacting solids. Generally, by considering the viscous dissipation heating effect in the oil film and the roughness effect induced by asperity contact, the two-dimensional energy equation of lubricant oil can be expressed as [12] :
where T is the lubricant temperature, u denotes the fluid velocities. The term z is the coordinates across the clearance. Parameters p T , k  , and p c are the thermal conductivity, thermal expansivity, and specific heat of the lubricant, respectively. It is noteworthy that the last term in the right hand of Eq. (10) is used to consider the contribution of asperity contact to heat generation [28] . asp  is the asperity friction coefficient. asp p represents the asperity contact pressure. In addition, the term u is the fluid velocities in the x directions. It can be obtained by:
In Eq. (10), the left-hand side represents conduction, while the terms on the right hand side represent viscous dissipation, compression heating, convection, and the contribution of asperity contact to heat generation, respectively. It should be noticed that the influence of the asperities on the thermal conduction is not considered in this paper. The limitation should be acknowledged.
In the solving of Eq. (10), the surface temperatures of the ring and the liner are particularly important. According to the work of Yang et al. [29] , these surface temperatures can be obtained by the following equations from (12)− (17) . Equations (12) , (14) , and (17) are the heat transfer equations of the ring, the coating, and the liner, respectively. Equation (13) is the heat flux continuity condition on the interface between the ring and the coating. Equation (15) is for the interface between the coating and the lubricant, while, Eq. (16) is for the interface between the lubricant and the liner. These equations are listed as follows:
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In addition, the thermal boundary conditions should be adopted as follows: Besides, as shown in Fig. 2 , the inlet lubricant temperature, in T , can be calculated as follows [30, 31] :
where L T and C T are the initial surface temperatures of the liner and coating. However, in the simulation of the coated and textured ring/liner system, the coated and textured ring is assumed to be stationary and the liner is assumed to undergo relative motion. Thus, according to Eq. (18), due to the convective thermal flux, in T is equal to L T at the inlet. Therefore, in order to solve the thermal model, the liner temperature should be known a priori.
Performance parameters
The total friction force is evaluated as follows: 
where d V is the engine displacement, s l is the stroke, d s l is the distance along the direction of the sliding stroke in each time step.
Results and discussion
In this section, a Gasoline engine at 2,000 rpm-full load is considered. Both the cold and warm engine-operating conditions are taken into account here in order to investigate the tribological benefits in terms of surface texturing and coating. In other words, the initial liner temperatures of 313.15 K and 393.15 K are adopted in the simulations, respectively. The former represents the cold engine condition while the latter is on behave of the normal operating (warm) condition. Tables 2−4 provide the necessary data for the current analysis. Among them, Table 4 shows the mechanical/thermal properties of coatings. In addition, the variation of piston sliding speed with the crank angle is presented in Fig. 3 , as well as the cylinder pressure variation. They are used as the pivotal inputs in the related simulations. In terms of the textured systems, the adopted textures are 60 μm in breadth and 3 μm in height. When the piston ring is textured, four textures are evenly distributed on the ring surface. When the textured liner system is studied, the spaces (one texture per 250 μm) between every two textures are the same.
Validation and mesh
At first, one case is used to test the correctness and accuracy of the adopted model. The adopted simulation conditions are consistent with the published results from Bertocchi et al. [32] . The comparison results involving the hydrodynamic pressure are shown in Fig. 4 . Only a difference of 0.65% in peak pressure between current model and the one presented by Bertocchi et al. [32] is detected. In other words, the result obtained by the present model matches well In addition, it is noteworthy that the choice of mesh size and time step is critical for the simulation of the textured system. In the author's another paper [15] , the influences of mesh size on the convergence of results have been studied, as well as the time step. It was found that the numerical errors could be ignored when 1,000 mesh and 0.05 degree per step were adopted in the simulations. Since the cases studied in this paper are similar to these given in previous paper [15] , the same time step and mesh size would be adopted in this paper to keep the accuracy of the calculation.
Effect of coating mechanical properties
In order to isolate the effects of mechanical properties, the thermal properties of coatings are taken to be those of ring. Figure 5 shows the effect of coating's mechanical properties on the average temperature rise of lubricant when the untextured conjunction is under the cold engine condition. The coatings with different elasticity modules are employed in the corresponding simulations. Meanwhile, it should be pointed out that the average temperature rises of lubricant are the results of convention and conduction. The average viscosity value is calculated by adding the viscosity values in different nodes together and dividing by the total number of nodes. It appears that the average temperature rise for the lubricant is obvious at the middle of each stroke, but the value of average temperature rise is limited in each dead center. Moreover, as shown in Fig. 5 , the average temperature rises at the power stroke are more obvious than the results at other strokes. The average temperature rise of lubricant is influenced by the applied load. In addition, according to the results from the conjunctions with different elasticity modulus of coatings, it can be found that the soft coatings can make the lubricant obtain a larger temperature rise than the hard ones. The temperature rise of lubricant may considerably alter the properties of the lubricant. As a result, different elasticity modulus of coatings would result in the various tribological performances of ring/liner conjunctions.
In order to study the performance of the coated and textured conjunction, the temperature distributions for the untextured and textured conjunctions are displayed in Fig. 6 . The crank angle is 380 degree and the bonded coating's elasticity modulus is 62.5 GPa. As shown in Fig. 6 , it appears that the temperature rise mainly occurs in the middle region of the clearance. It is found that the lubricant temperature distribution for the smooth and the textured ring conjunctions are almost the same. However, it is interesting to notice that the temperature distribution for the textured liner conjunction is different from those for the smooth and the textured ring conjunctions. It should be noticed that simulating the textured liner system should always consider the effect of the transient terms. Owing to the movement of the texture features, the clearance between the untextured ring and the textured liner is changing all the time [15] . As shown in Fig. 6 , the lubricant temperature peak for the textured liner conjunction is larger than these found in the smooth and the textured ring conjunctions. It seems that the viscous dissipation heating effect may be improved by the moving textures for the textured liner conjunction. The increased temperature inside the film would result in the reduced lubricant viscosity in the same region. As a result, friction would be reduced.
In order to study the effect of the coat's mechanical properties on the friction loss, the FMEP results for the untextured and textured systems under the cold engine operating condition are summarized in Fig. 7 . It can be found that different elastic modulus of coatings would result in different FMEP results. The friction loss of ring/liner conjunctions can be slightly affected by the mechanical properties of coatings. For the smooth conjunction, the corresponding FMEP value is smallest when the elasticity modulus of coating is 62.5 GPa. It seems that the application of the soft coating can improve the tribological performance of ring/liner conjunction. The reason for the phenomenon that a soft coating can lead to reduced friction compared to a hard one can be explained as follows: In the mixed lubrication regime, the applied load is shared by the hydrodynamic support and asperity contact load. As mentioned in Section 2, the asperity contact load can be obtained by Eq. (8) . For a soft coating, the composite effective elasticity modulus is smaller than that for a hard coating. It would lead to different asperity contact loads. In order to achieve the load balance, the oil film would be adjusted and the hydrodynamic support would be changed. Benefit from the reduced asperity contact load, the viscous friction would domain and, as a consequence, the friction loss would be reduced. Hard coatings have the exact opposite effect and lead to the increased friction. Furthermore, by comparing the results from the smooth conjunction with the textured conjunction results, it seems that the effect of texturing can be enhanced by the application of the soft coating. Meanwhile, when the textures are treated on the liner and the ring surface is coated with a soft coating (whose elasticity modulus is 62.5 GPa), it is observed that the friction loss of ring/liner conjunction can be significantly reduced. It is also found that the textured liner system has the better tribological properties than the textured ring system, when the elasticity modules of coating are the same. As reported by Gherca et al. [33] , a textured moving surface can contribute to the generation of hydrodynamic lift on the basis of a squeeze effect. For more information about the difference between the stationary texturing case (or say the textured ring system) and moving texturing case (or say the textured liner system), the interested readers can refer to the works of Medina et al. [34] and Gherca et al. [33] . Figure 8 shows the simulation results under the warm engine operating condition. As shown in Fig. 8 , the variations of the FMEP results for the untextured and textured conjunctions are summarized. Similar to the results under the cold engine condition presented in Fig. 7 , it is also found that the friction loss under the warm engine operating condition can be reduced by using the soft coating. Obviously, the combination of soft coating and introducing the textures on the liner leads to the greatest friction decrease. Fig. 8 The variation of FMEP results for the untextured and textured conjunctions under the warm engine condition when different elasticity modulus of coatings are adopted.
In addition, it appears that the textured liner system has the better friction reduction effect than the textured ring system, when the warm engine operating condition is considered. In fact, when textures are introduced on the liner surface, the wear of the liner would be smaller and more evenly distributed than that of ring [16] . The textures can be preserved in their shapes for a long operating time. Meanwhile, regarding the textured liner system, it allows one to optimize the texture that contacts the ring independently for each instant of the engine cycle [16] .
Effect of coating thermal properties
In order to isolate the effects of the coating's thermal properties, the mechanical properties of the coatings are taken to be those of the ring. 1,000 J kg K ) thermal inertia coatings are simulated, whose values are smaller than or greater than the thermal inertia of the ring, respectively. Figure 9 shows the effect of coating's thickness on the FMEP results, when the untextured ring/liner conjunctions are simulated under the cold engine operating condition. As shown in Fig. 9 , it is found that the increase of the thickness for the low thermal inertia coatings leads to a more pronounced decrease in FMEP results. On the other hand, it is found that the Fig. 9 The effect of coating thickness (d c ) on FMEP results for the untextured conjunction with the high or low thermal inertia coatings.
friction is slightly changed with the thickness of high thermal inertia coatings. Notice that the friction loss change induced by the thickness of high thermal inertia coatings is quite limited (about 0.01 kpa). Figure 10 shows the variations of average lubricant temperature rises when the untextured conjunctions are coated with the high or low thermal inertia coatings. For the high thermal inertia coating, the lubricant temperature rise is decreased with the increase of the coating thickness. In terms of the low thermal inertia coating, it is observed that the average temperature rise for the lubricant increases with the increasing coating thickness. As discussed in the work of Habchi [9] , low thermal inertia surface coatings can act as insulators, leading to a localized increase in the lubricant's temperature. The lubricant viscosity is influenced by the lubricant temperature. The large lubricant temperature rise would lead to the low lubricant viscosity, which would result in the reduced friction. Fig. 10 The variations of average temperature rises for lubricant when different thicknesses of coatings are adopted: (a) for the high thermal inertia coating; (b) for the low thermal inertia coating.
Moreover, the FMEP results for the untextured and textured systems are summarized in Fig. 11 . It is used to find the combined effect of texturing and coating on the friction loss. The adopted coating thickness is 20 μm. It can be found that a significant reduction of friction can be obtained when texturing is on the liner and the low thermal inertia coating is used. Obviously, the combination of the low thermal inertia coating and treating textures on the liner leads to the greatest friction decrease whereas the application of the high thermal inertia on the untextured conjunction leads to the greatest friction increase.
Conclusions
In this paper, a thermal mixed lubrication model was presented for analyzing the coated and textured ring/liner system. The combined effects of the coating and texturing under the cold and warm engine conditions were studied. The following conclusions can be drawn:
It is found that the mechanical and thermal properties of coatings would affect the tribological performance. However, it seems that the influences of coatings are relative small. Compared with the cases under the warm engine condition, the friction reduction induced by the coating is more obvious when the cold engine condition is studied.
Meanwhile, surface texturing can improve the tribological performance of ring/liner conjunction, whether under the cold or warm engine operating conditions. In particular, the effect of texturing can be Fig. 11 The effect of coating's thermal inertia on FMEP results for the untextured or textured conjunctions.
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Besides, it is noteworthy that the application of the coating can also improve other properties, involving the surface roughness, the boundary friction coefficient, etc. However, these aspects are not considered in this study. The experimental testing would be a better alternative to study these aspects. The limitations of the approach should be acknowledged. 
